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Abstract
The study investigates the mechanism of ring-liner lubrication in the
vicinity of the top and bottom dead centres of an internal combustion engine.
Predicting lubricant transient behaviour is critical when the inlet reversal
leads to thin films and inherent metal-to-metal interaction. It was found
that the cavitation, which is located at the trailing edge of the contact be-
fore reversal, briefly survives after reversal as a confined bubble at the leading
edge. This depletes the film promoting starvation. Several algorithms were
compared. It is concluded that the lubricant film is thinner than initially
thought.
Keywords: Piston ring, lubrication, tribology, Elrod cavitation algorithm,
cavitation, starvation
Nomenclature
A Hertzian contact area (m2)
Aa Actual contact area of asperities (m
2)
D Bore diameter (m)
Fi Residual term (-)
H Non-dimensioanal film thickness (-)
N Engine speed (rpm)
R Crank radius (m)
So Viscostiy-temperature index (-)
T Temperature (oC)
1Corresponding author’s email address : m.s.teodorescu@cranfield.ac.uk
Preprint submitted to Tribology International May 22, 2013
W Total piston ring contact load per unit ring length (N/mm)
Wa Force carried by asperities (N)
Z Viscosity-pressure index (-)
c Crown height (µm)
fb Boundary friction force (N)
ftot Total friction force (N)
fcomb Piston ring contact load per unit ring length due to combustion pressure (N/mm)
fn Statistical functions for Greenwood and Tripp friction model (-)
fring Piston ring contact load per unit ring length due to piston ring tension (N/mm)
fv Viscous friction force (N)
g Switch function (-)
h(x) Lubricating film thickness (µm)
hdmp Lubricating film thickness relaxation factor (-)
ho Undeformed central lubricating film thickness (µm)
hs(x) Undeformed lubricating film thickness (µm)
m Pressure coefficient of the boundary shear strength (-)
p Contact Pressure (MPa)
pa Pressure applied on the asperity contact area (MPa)
pc Cavitation pressure (MPa)
uav Average entrainment velocity (m/s)
x Coordinates along the piston ring width, L
α Viscosity coefficient (Pa−1)
αo Viscosity coefficient at p = 0 and 60
oC (Pa−1)
βa Curvature radius at the asperity peak (µm)
β Lubricant bulk modulus (Pa.s)
ηo Viscosity at p = 0 and 60
oC (Pa.s)
δ Elastic deformation (µm)
ηR Roelands Viscosity (Pa.s)
` Connecting rod length (m)
γ Slope of oil limiting shear stress-pressure relation (-)
µf Friction coefficient (-)
ω θ relaxation factor (-)
ρ Lubricant density (kg/m3)
ρo Lubricant density at p = 0 and constant temperature (kg/m
3)
τ Shear stress (MPa)
τo Eyring shear stress of the lubricant (MPa)
θ Fractional film content-Cavitation (-)
Non-dimensional density-Full Film (-)
2
σ RMS asperity heights (µm)
σr Ring tension (MPa)
ζ Surface density of asperity peaks (-)
1. Introduction
Modern automotive engines are progressively smaller, faster and more
efficient. This is partly due to the improved automotive control strategies and
partly due to the better understanding of the physical phenomena governing
various aspects of the IC engine. Engines are lighter and their load carrying
components are less rigid. Therefore, an integrated design approach, which
considers the aspects of combustion, dynamics, vibrations and friction in a
common framework, is essential.
The piston ring-liner conjunction represents a dynamic seal between the
combustion chamber and crankcase. Although vital for engine operation,
this is the most important source of engine frictional losses. Inadequate
ring-liner lubrication leads to high fuel/oil consumption and increased en-
gine emissions with dramatic impact over the entire system efficiency [1].
As a first approximation, most piston ring-liner tribological models neglect
oil cavitation. Although this may be an acceptable compromise between
accuracy and model complexity, it can lead to erroneous conclusions.
Cavitation in a fluid can be defined as the formation of pockets of gas
due to the fluids’ inability to sustain signifficant sub-ambient pressures. [2].
This condition is often encountered if the machine elements in relative mo-
tion are separated by a lubricating film [3] (e.g. journal bearings, squeeze
film dampers and piston ring-liner conjunctions). In the piston ring-liner
conjunction, cavitation is the result of sudden lubricant pressure drop in the
diverging cross section of the ring [4]. This leads to transition of fluid from
liquid form to gas-liquid mixture [5]. Different aspects of the ring-liner cav-
ity formation and the advantages of various predictive techniques are well
explained by Priest et al [2]. Arcoumanis et al [6] and Dhunput et al [7]
used an experimental test rig to investigate the transient behaviour of the
cavitation streams as well as their development through the TDC position.
The cavitation pressure is significantly lower than the ambient pressure.
Etsion and Ludwig [3] measured it as ≈ 50kPa above absolute zero. Stadler
et al [8] propose a simple experiment, which suggests that the cavitation
pressure is lower than 0.03MPa (absolute pressure). There are two phenom-
ena, which are commonly referred to as cavitation. Gaseous cavitation (also
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known as aeration) represents the release of dissolved gases when lubricant
pressure drops below saturation pressure [9]. Vapor cavitation represents
lubricant boiling at the vapor pressure (usually lower than saturation pres-
sure).
Figure 1 shows a typical piston ring-liner conjunction. It must be noted
that each ring has specific operating conditions. Firstly, for each ring the
contact geometry is unique. Secondly, the only lubricant available at the
leading edge is the lubricant left over by the previous ring. Therefore, even if
the first ring could be fully flooded, the consequent rings are starved. Thirdly,
the gas pressure at the leading and trailing edges of the contact as well as
the pressure behind each ring are different.
The main goal of the current study is to investigate the correlation be-
tween cavitation and starvation in the vicinity of the Top Dead Centre (TDC)
and Bottom Dead Centre (BDC). The proposed model is generic. For the
numerical example the top (compression) ring was used. For most lubri-
cants viscosity and cavitation pressure depend on the lubricant temperature.
Therefore, these parameters will likely vary between the TDC and the BDC.
However, implementing these requires detailed models for the transient heat
flow and for the rheological parameters of the lubricant, which is beyond the
scope of the current study. Here an isothermal analysis is carried out for a
SAE5W30 lubricant at 1200C [10]. Therefore, the viscosity is ≈ 0.00689Pa.s
(ASTM D341 [11] and [12]). The cavitation pressure used as a first approx-
imation is 0.02MPa, which is within the range measured by Stadler et al
[8].
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Figure 1: Schematic view of the piston ring-liner conjunction
The classic formulation of the Reynolds equation does not account for the
negative pressure in the diverging part of the contact [13]. One possible solu-
tion is limiting the outlet pressures to the atmospheric pressure [14] or to the
cavitation pressure [15]. Although this is a very fast method, mass conser-
vation of the fluid flow in the cavitation region is not fulfilled. A solution for
this problem is offered by Jakobsson and Floberg [16] together with Olsson
[17], known as the JFO theory. They used Reynolds equation with a new set
of boundary conditions. The contact is divided into two separate regions: (i)
full film and (ii) cavitation (Figure 2). In the full film region Reynolds equa-
tion completely describes the problem. However, in the cavitation region the
film breaks down and lubricant behaviour is predicted using the continuity of
flow. This is an elegant approach, which for moderately and heavily loaded
conditions represents a reasonable compromise between computational speed
and accuracy [18]. However, it could be difficult to implement.
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Figure 2: Piston ring-liner conjunction
Elrod [18] and Elrod and Adams [19] proposed an improved algorithm for
the JFO approximation, which simplifies the prediction of the boundary be-
tween full film and cavitation regions. They introduced a non-dimensionalized
parameter (θ), which represents the non-dimensional lubricant density in the
full-film region (θ ≥ 1) and the fractional film content in the cavitation region
(0 < θ < 1).
θ →
{
Full film (θ ≥ 1) ⇒ θ = ρ/ρc
Cavitation (0 < θ < 1) ⇒ p = β(θ − 1) + pc (1)
where pc is the cavitation pressure and β is the lubricant bulk modulus.
Brewe [3] uses the Elrod algorithm to predict vapor cavitation in a sub-
merged journal bearing during steady state and transient conditions. Vija-
yaraghavan and Keith [15] proposed a finite differenced scheme to predict the
pressure distribution along the contact and validated the numerical results
with Coyne and Elrod’s experiments [20]. Yang and Keith [21] extended
this approach to the piston ring lubrication, while Cioc and Keith [22] ap-
plied Elrod’s algorithm using the Conservation Element (CE) and Solution
Element (SE) method. Sawicky and Yu [23] proposed an analytical solution
for the piston ring lubrication based solely on the JFO boundary condition.
Bayada et al [24] maintained the core of the Elrod algorithm, redefined θ
as “filling rate” and proposed an algorithm for EHL conditions. This is a
function of the oil film thickness to the width of the gap. Damiens et al
[25] investigated the starvation effect on an elliptical contact and Venner et
al [26] used a modified version of the algorithm for starved point contact
conditions.
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An ideal ring would completely seal the combustion chamber. However,
in reality combustion gases do pass through several crevices, leading to blow-
by [27]. This affects engine performance and exhaust emissions [28, 29].
For a gasoline engine running at 2000 rev/min, the pressure behind the top
ring was measured as ≈ 25% of the combustion pressure [27], which (as a
representative value) was also used in the current study.
The proposed numerical model uses as a base the solution proposed by
Vijayaraghavan and Keith [15] for Elrod’s algorithm. However, localised
contact deflection (especially in the vicinity of the dead centers) could have
significant consequences for the cavitation development (this will be discussed
in figure 11). To account for it, the finite difference scheme suggested by
Jalali et al [14] for an elastohydrodynamic contact was carefully adapted for
the current conditions. The resulted integrated approach is referred to as
Modified Elrod (Mod. Elrod) throughout the study.
2. Mathematical Model
2.1. Elrod equation
For the engine under investigation, the ring length to width ratio is over
100. Therefore, as a first approximation, the piston ring-liner conjunction
can be viewed as an infinitely long sliding bearing [12, 21, 30]. Although this
assumes uniform radial loading and neglects piston secondary motion as well
as ring dynamics, the final results could provide valuable information.
If the flow is laminar, the behaviour of most lubricated conjunctions can
be predicted using Reynolds equation:
∂
∂x
[
ρh3
η
∂p
∂x
]
= 12
{
∂
∂x
[ρh (uav)] +
d
dt
(ρh)
}
(2)
Elrod’s [18] modification provides an acceptable solution if the cavitation
is present. In the full film section of the contact, both the Couette and
Poiseuille terms are considered, while in the cavitation region only the Cou-
ette term plays an important role. To account for this, the switch term, g is
defined as:
g =
{
1⇒ Full film, if θ ≥ 1
0⇒ Cavitation, if 0 < θ < 1 (3)
The contact pressure distribution in the contact can be expressed as:
7
p = gβ ln θ + pc (4)
The equation obtained by substituting equation (4) into equation (2) pre-
dicts the transient behaviour for the full film and for the cavitation regions:
∂
∂x
[
ρch
3
η
gβ
dθ
∂x
]
= 12
{
∂
∂x
[θρch (uav)] +
d
dt
(θρch)
}
(5)
Lubricant viscosity-pressure variation can be predicted using the Roe-
lands [31] equation:
ηR = ηoe
α (6)
where α = (ln ηo + 9.67){[1 + p/(1.98 × 108)]Z − 1}/p and Z = αo/[5.1 ×
10−9(ln ηo + 9.67)].
Density variation with the contact pressure for mineral oils is given by
Dowson and Higginson [32]:
ρ = ρo
(
1 +
0.6× 10−9p
1 + 1.7× 10−9p
)
(7)
The parabolic ring profile hs(x) is defined as:
hs(x) =
cx2
(L/2)2
(8)
During most of the engine cycle the contact deflection is negligible and
the ring-liner conjunction operates under hydrodynamic or mixed lubrication
regimes [33]. However, in certain conditions, especially close to the firing
TDC where the combustion pressure is significant, limited local deformation
can affect the lubrication regime. Therefore, for completeness, the current
study includes the local elastic deflection in the overall solution. For a line
contact the deflection at computation node i is [34]:
δ(x)|x=idx =
n∑
j=1
Dijpj − 1
4
ln
(
R2x
8W
pi
)
(9)
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where pj is the pressure applied at computation node j and Dij is the in-
fluence coefficient. The elastic shape of the lubricant film profile for the top
ring is [35]:
h(x) = ho + hs(x) + δ(x) (10)
where ho is the undeformed central film thickness.
2.2. Friction force
Equation (10) predicts the elastic film shape for smooth profiles. However,
both sides of the contact are rough. If the film is thick the effect of surface
roughness can be neglected. However, when the lubricating film is thin,
contact between individual asperities cannot be avoided. Consequently, the
friction force has a viscous component (fν) due to lubricant shearing and a
boundary component (fb) due to direct interaction between surface asperities.
Therefore, for an element of area dA the friction force is:
dftot = dfb + dfν (11)
The viscous friction force can be computed for a Newtonian fluid as:
dfν = τ (dA− dAa) (12)
τ = ηuav/h(x)
where dAa is the asperity contact area.
The boundary friction force is the result of shearing a very thin film
(several layers of molecules), which prevails between contacting asperity tips.
This non-Newtonian shear can be predicted using the classic Eyring model
[36]. Therefore, the boundary friction force is computed as:
dfb = dAa(τo +m
dWa
dAa
) (13)
where τ0 is the Eyring shear stress of the lubricant, m is the pressure coef-
ficient of the boundary shear strength and dWa is the load carried by the
asperities.
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Asperity contact area and the load carried by asperities can be predicted
with good accuracy by the classical Greenwood and Tripp model [37]:
dAa = dApi
2 (ζβaσ)
2 f2 (λ) (14)
dWa = dA
8
√
2
15
pi (ζβaσ)
2
√
σ
β
E∗ × f5/2(λ)
where the statistical functions f2 and f5/2 are defined as:
fn(λ) =
1√
2pi
∫ ∞
λ
(s− λ)ne−s2/2ds
To speed up the calculation the polynomial approximation proposed by
Teodorescu et al [38] was used (see Appendix D).
The total friction force is:
ftot =
∫ outlet
inlet
dftotdx× Ring length (15)
2.3. Numerical solution
Vijayaraghavan and Keith [15] proposed the following convenient trans-
formation for the left hand side of equation (5):
g
dθ
dx
=
dg(θ − 1)
dx
(16)
Using the notations in Appendix A, equation (5) can be written in non-
dimensional form as:
∂
∂X
[
ρ¯cH
3
η¯
∂g(θ − 1)
∂X
]
= ψ
{
∂
∂X
[θρ¯cH] +
Rx
b
S (θρ¯c)
}
(17)
where ψ = 12 (Rx/b)
3 /β¯ and S = (dh/dt) /uav.
Equation (17) is solved using the finite difference scheme suggested by
Jalali et al [14]. The Poiseuille term is discretized using central differences.
This provides a second order accuracy, as the solution along the full film
region must consider all the neighbouring variables. For the Couette term,
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which is predominant in the the cavitation region, a backward differencing
scheme with first order of accuracy is used.
The numerical algorithm is divided in two consecutive loops (a pressure
and a load loop). The pressure loop uses the iterative approach proposed
by Jalali et al [14] for integrating Reynolds equation as a starting point.
However, here the convergence is focused on θ and the lubricant pressure is
computed after the convergence is achieved. The Jacobian matrix, J for this
case can be expressed as:
Ji,j =
∂Fi
∂[gθ]j
(18)
where Fi is the residual term (see Appendix B), and i, j are grid points along
the piston ring width.
The value of θki at iteration k can be computed as:
θki = θ
k−1
i + ω∆θ
k
i (19)
where ω is the relaxation factor and ∆θki = −(Fi+Ji,i−1∆θki−1+Ji,i+1∆θki+1)/Ji,i.
The convergency criterion for θ is:
∑(
θki − θk−1i
)0.5
/N ≤ 1.0 × 10−7,
where N is the number of mesh points (N = 200). In the load loop the
contact load is compared with the reference load (Figure 3 in the following
section). The convergence criterion is | ∫ Pdx−W |/W ≤ 0.01.
3. Results and Discussion
The combustion pressure has a significant contribution towards the con-
tact load along the ring-liner conjunction. However, predicting the pressure
distribution during engine cycle, requires a full analysis of all in-cylinder
chemical phenomena. This is beyond the scope of the current investigation.
As a first approximation, the combustion pressure measured by Mishra et al
[33] at the engine speed simulated in this paper was considered as an input.
During engine operation, the ring-liner contact pressure is equal to the
sum of the ring tension and the pressure acting behind the ring [33] (Figure 2).
While the ring tension is an intrinsic characteristic of the ring, the pressure
applied behind the ring is a function of the the combustion pressure and
blow-by. Heywood [27] predicts that the pressure acting behind the top ring
is roughly the same as the cylinder pressure.
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Therefore, the forces per unit ring length acting on the top ring can be
computed as:
W = fring + fcomb = (σr + p1)× L (20)
Figure 3(a) and (b) show the measured combustion pressure [33] and the
piston ring-liner contact load during the engine cycle at 2000 rev/min.
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Figure 3: Combustion pressure and ring-liner loading conditions
The current analysis uses a generic set of values for piston-ring geometry
and lubricant properties [12] (see Appendix C ). These input data are repre-
sentative for modern gasoline IC engines. Therefore, the predictions could
be easily verified with published results (e.g. Jeng [12], Yang and Keith [21]
and Sawicky and Yu [23]).
Figure 4 shows piston sliding velocity if the engine operates at 2000
rev/min. Five representative operating conditions were selected: A,B,C,D
and E. While A,B and C are in the mid-stroke and have a significant en-
trainment velocity, D and E represents the vicinity of the firing TDC and
suction BDC respectively. At locations D and E, the entrainment velocity
is very small while the motion reverses its direction after reaching the dead
centers.
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Figure 4: Sliding velocity of the piston ring relative to the bore at 2000 rev/min
Figure 5 shows the pressure distribution along the contact for the first
three operating conditions (A,B and C). Three algorithms are compared:
(i) transient Reynolds, (ii) steady-state modified Elrod and (iii) transient
modified Elrod. While, both versions of modified Elrod predict significant
cavitation regions, there are notable differences. Firstly, the location of the
cavitation onset is different. Steady-state modified Elrod does not consider
film history, and therefore, cavitation history. This underestimates the extent
of the cavitation region. Additionally, the lubricant reformation is heavily
dependent on squeeze film effect. Therefore, when this is significant, the
lubricant reforms earlier (C). Secondly, in all cases the lubricating film is
thinner for the transient modified Elrod. Initially this could seem an unex-
pected result. However, it is due to the extent of the cavitation region, which
is underestimated by the steady-state algorithm.
Using similar engine parameters, the minimum film thicknesses predicted
by other authors are very close to the predictions of the current model:
Jeng [12] (Transient Reynolds boundary conditions), Yang and Keith [21]
(steady-state modified Elrod using Vijayaraghavan and Keith method [15])
and Sawicky and Yu [23] (steady-state modified Elrod using JFO boundary
conditions).
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(c) Pressure distribution for C
Figure 5: Predicted contact pressure for three operating conditions (Figure 4)
There is a direct correlation between film thickness and friction force
magnitude. Therefore, it is particularly interesting to investigate the regions
where the film is very thin. Figure 6 (b) and (c) expand the regions delimited
in Figure 6 (a). These correspond to the power stroke TDC and suction stroke
BDC. The entrainment velocity is very small and the squeeze film is the only
mechanism protecting the lubricant film. Consequently, while the steady-
state algorithm inaccurately predicts a complete collapse of the film during
reversal, for both transient algorithms there is a small delay between the inlet
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reversal and the minimum film thickness. Both transient algorithms predict
a thinner film at the power TDC than at the suction BDC, however, the
difference is less significant for the transient modified Elrod. Higher contact
loads at power TDC promote higher contact pressures, and therefore, shorter
cavitation.
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Figure 6: Minimum film thickness predicted by three algorithms (2000 rev/min)
Figure 7 shows the lubricant film pressure distribution in the vicinity of
the power stroke TDC (Figure 6 (c)). During piston slow down (−10o →
15
−0.1o) the pressure distribution for the steady-state prediction progressively
deviates from the transient ones. Because this algorithm does not consider
squeeze film, for vanishingly small films the pressure prediction is unrealis-
tically high. Experimentally it was noted that for a ring-liner conjunction a
limited cavitation region does survive through the dead centre inlet reversal
[6, 7]. The current model predicts that immediately after inlet reversal, the
“pre-reversal” cavitation region (suddenly located at the inlet) is sealed off
by the lubricant film and forms a bubble (+0.1o). This bubble quickly im-
plodes when the entrainment velocity picks up (e.g. +5o → +10o). However,
while located at the inlet, it depletes the available lubricant and leads to
starvation (θ < 1). Consequently, the lubricant pressure increases and the
film thickness decreases, with significant consequences over engine opera-
tion. Thinner films can lead to metal-to-metal interaction, which can lead to
higher friction forces and increased wear. The pressure distribution and the
film thickness predicted by the transient Reynolds and steady-state modified
Elrod algorithms are similar with the predictions of Yang and Keith [21].
Figure 8. shows the fractional film content in the vicinity of the power
stroke TDC. While both Elrod-based algorithms predict similar cavitation
onset, the steady-state algorithm cannot predict the severity of the lubricant
drainage.
Figure 9 shows the lubricant pressure and figure 10 the fractional film
content during BDC reversal. The pre-reversal cavitation survives through
the reversal. However, due to lower contact pressure, the pre-reversal cavita-
tion is larger. Therefore, the resulting bubble takes much longer to be fully
absorbed into the oil film. It should be noted that although the full film
region is smaller at the BDC reversal, lower contact pressures lead to thicker
films.
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Figure 8: Fractional film content in the vicinity of the power stroke TDC (2000 rev/min)
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Figure 10: Fractional film content in the vicinity of the suction stroke BDC (2000 rev/min)
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Figure 11 shows the pressure distribution (bold lines) and the squeeze
film (thin line) in the vicinity of reversal points. It was shown (figure 6
b and c) that due to an extensive cavitation region, the modified Elrod
algorithm predicts a thinner oil film than Reynolds one does. Figure 11
shows that the absolute value of the squeeze term |dh/dt| predicted by the
transient Reynolds algorithm is larger than the one predicted by the modified
Elrod algorithm. Therefore the thinner film predicted by the modified Elrod
algorithm is attributed to the lack of support from the squeeze film term.
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Figure 11: Pressure and squeeze film distribution at 2000 rev/min
One of the most important consequences of the decreased film thickness
is an increased friction force. In the current analysis, the friction force is
predicted using the model described in section 2.2. Figure 12 shows the vis-
cous and boundary components of the friction force. The boundary friction
force is very high in the vicinity of TDC and BDC where the distance be-
tween the ring and the liner is minimal and asperity interaction is very likely.
The viscous friction force, however, is maximum in mid-span where the en-
trainment velocity is high and contact load is low. Additionally, transient
Reynolds, which always predicts a full film, predicts a higher viscous friction
than modified Elrod algorithms.
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Figure 12: Boundary and viscous friction forces at 2000 rev/min
Figure 13 (a) shows the total friction force. As a direct result of an exces-
sively thin film thickness around the dead centers the boundary friction force
is overwhelmingly higher than the viscous friction force. This is expected for
heavily loaded modern engines. Since the boundary component is the result
of direct asperity interaction, very high values of the boundary friction force
could lead to wear. Figure 13 (b) and (c) show details of the friction force at
suction BDC and power TDC. In both cases due to thinner lubricant films,
transient modified Elrod predicts highest friction force. The friction force
predicted by the transient Reynolds solution in the vicinity of the reversals
is comparable with the predictions of Jeng’s [12].
Therefore, an effective method of decreasing total engine friction is reduc-
ing the boundary friction force near dead centres. These would be automat-
ically achieved by increasing the film thickness. However, such a solution is
not always possible and often not even desirable because a thicker oil trail can
react with hot combustion gases much faster. One possible solution, which is
beyond the scope of the current paper, is to locally modify the surface texture
in the regions with high boundary friction. Such custom made topography
(applied on the ring [39] or on the liner [40]) can decrease boundary friction
without increasing oil consumption.
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Figure 13: Total friction force at 2000 rev/min
Figure 14 (a) shows the friction coefficient during engine operation (µf =
ff/W ). Although this is often used to characterize ring-liner friction, it could
be deceiving (e.g. due to high contact forces, the friction coefficient is lower
in the vicinity of the power TDC).
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Figure 14: Friction coefficient at 2000 rev/min
Figure 15 shows the lubricant thickness for three engine speeds. This
increases with engine speed during the entire engine cycle, including in the
vicinity of the dead centers where the the boundary component of the friction
force is very high. Consequently, the total friction force drops (Figure 16).
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Figure 16: Total friction force
Figure 17 (a) shows the length of the cavitation region for one engine cy-
cle. While the piston approaches the dead centre the cavitation progressively
shrinks, however, it does not fully vanish (Figure 17 (b)). The “pre-reversal”
cavitation is sealed off by the lubricant and forms a bubble at the inlet. Al-
though this is gradually absorbed by the lubricant film (Figure 18), before
it fully vanishes, the inlet is starved (θ < 1 and g = 0 in equations 5). This
leads to thinner films of lubricant, and consequently, higher boundary fric-
tion. However, it should also be noted that steady state modified Elrod does
not predict a cavitation region in vicinity of the dead centres (Figures 7 and
25
9). Therefore, the predicted film is thicker, and consequently, the friction
force is seriously underestimated (Figure 16).
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Figure 18: Length of the inlet bubble formed by the pre-reversal cavitation
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4. Conclusion
The paper proposes a numerical model for piston ring-liner pressure dis-
tribution, film profile and friction force. The model has at the base the
approach proposed by Vijayaraghavan and Keith [15] for Elrod’s cavitation
algorithm. To account for localised contact deflection, which could have sig-
nificant consequences for the cavitation development, the finite difference
scheme suggested by Jalali et al [14] for an elastohydrodynamic contact was
carefully adapted for the current conditions.
The cavitation region, shrinks considerably in the vicinity of the dead
centres. However, it partly survives beyond the dead centre reversal as a
confined bubble at the leading edge of the contact. Although this bubble
quickly shrinks being absorbed by the lubricant film, while located at the
inlet, it depletes the available lubricant supply leading to starvation. Quickly
after the dead centre, a new cavitation region forms at the trailing edge of
the contact. Although these two cavitation regions only coexist for a brief
period, together with a very low entrainment motion and high contact loads,
lead to thinner films and higher friction forces.
The transient Reynolds and the steady state version of the modified El-
rod’s algorithm are much faster. They offer a relatively good approximation
of the friction force during mid-span, but their are significantly underesti-
mating it in the vicinity of the TDC and BDC.
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Appendix A: Dimensionless parameters
Table 1: Non-Dimensional Parameters
Parameters Dimensionless Relation
x (m) X X = x
b
y (m) Y Y = y
a
ρ
(
kg
m3
)
ρ¯ ρ¯ = ρ
ρo
η
(
N.s
m2
)
η¯ η¯ = η
ηo
h (m) H H = h.Rx
b2
p (Pa) P P = p
pH
t (s) t¯ t¯ = uav .t
Rx
W (s) W ∗ W ∗ = W
E∗.Rx.L
uav
(
m
s
)
U∗ U∗ = uav .ηo
E∗.Rx
vav
(
m
s
)
V ∗ V ∗ = u
uav
β
(
N
m2
)
β¯ β¯ = β.Rx
ηo.uav
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Appendix B: Residual term
Fi =
1
2∆X2

[(
ρ¯cH3
η¯
)
i+1
+
(
ρ¯cH3
η¯
)
i
]
[g(θ − 1)]i+1
−
[(
ρ¯cH3
η¯
)
i+1
+ 2
(
ρ¯cH3
η¯
)
i
+
(
ρ¯cH3
η¯
)
i−1
]
[g(θ − 1)]i
+
[(
ρ¯cH3
η¯
)
i
+
(
ρ¯cH3
η¯
)
i−1
]
[g(θ − 1)]i−1

− ψ
∆X
{
(1− Φ) [(θρ¯cH)i+1 − (θρ¯cH)i]
+ (Φ)
[
(θρ¯cH)i − (θρ¯cH)i−1
] }
−ψRx(θρ¯c)i
b
S∗
Appendix C:
Table 2: Lubricant properties [21]
Parameters Values
η0 0.00689 Pa.s
β 1.72 GPa [3]
ρo 0.87 kg/m
3
αo 1.4× 10−8Pa−1
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Table 3: Piston ring geometrical Parameters [12]
Parameters Values
Crown Height, c 14.9 µm
Crank Radius, R 0.040 m
Connecting Rod Length, ` 0.1419 m
Bore Diameter, D 0.0889 m
Engine Speed, N 2000 rev/min
Ring Tension 0.341 MPa
Blow-by 25 % [27]
Cavitation Pressure, pc 0.02 MPa [8]
(Absolute Pressure)
Table 4: Friction model parameters[38]
Parameters Values
σ 0.37 µm [12]
m 0.08 [12]
τo 2.0 MPa
γ 0.08
ζβσ 0.055
σ/β 0.001
Appendix D: [38]
f2 = − 1
104
(18λ5 − 281λ4 + 1728λ3 − 5258λ2 + 8043λ− 5003)
f5/2 = − 1
104
(46λ5 − 574λ4 + 2958λ3 − 7844λ2 + 776λ− 6167)
34
